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Abstract: With the world moving towards new sustainable sources of power 
for automobiles, electric powertrain systems are considered to be suitable. The 
study focuses on modelling and analysis of electric two-wheelers and designing 
and analysis of planetary gear box. Based on the analysis and market survey, 
recommendations for primary components are given. The electric vehicle is 
analysed using the drive cycle data and modelled using vehicle dynamics 
equations (Transportation Secure Data Centre). The result of this analysis is the 
current profile requirement to be fulfilled by the battery pack. The battery 
modelling and analysis is done based on the equivalent circuit modelling 
(Jackey et al., 2013; Jackey et al., 2009). The current profiles and battery 
testing data are used as input to the battery model (Jackey et al., 2009; Hu et al., 
2014; Decibels Labs Pvt. Ltd.). SOC and voltage variations were determined 
from this modelling. The transmission gear ratio and geometry was determined 
(TM4 Electrodynamics). The dynamic analysis and life cycle estimation of the 
gear box was done in Ricardo SABR (Ricardo Software, 2020). 
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1 Introduction 

In India the number of mopeds/scooters owned is vastly greater than the number of cars. 
Now that the world is shifting towards electric vehicles and considerable progress has 
been made in four wheelers whereas there is a lack in development of electric scooters. 
As the average Indian gets more use out of scooter rather than a car it seems only logical 
that we take a solid next step in development of electric scooters which is long overdue 
(Economic Times of India, 2021). 

A traditional electric scooter has its prime mover, i.e., electric motor mounted away 
from the wheel hub and then connected via a belt drive or a chain sprocket mechanism to 
the rear wheel. This arrangement has a few disadvantages such as high centre of gravity, 
frictional and slip losses in the belt drives and thus lower mechanical efficiency. The 
project shifts the position of the BLDC mid-drive motor to the rear wheel eliminating the 
need of any belt or chain drives reducing the frictional losses. Instead, a planetary gear 
box coupled to the hub motor for additional gear reduction and torque multiplication 
makes the transmission into a positive drive eliminating slip. This enhances the 
mechanical efficiency with the added benefit of higher sprung to un-sprung mass ratio 
giving benefit to the suspension (Cheng, 2009). 

The project starts with basic analysis of the driving conditions, i.e., the drive cycle 
analysis of which gives the various forces acting on the scooter to help in the resistive 
force modelling and torque and rpm charts (Transportation Secure Data Centre). Motor 
selection was then done on the basis of nominal and peak wheel torque requirements 
considering the motor efficiency ranges at different torque vs. rpm values (Adegbohun et 
al., 2021). The need additional torque enhancement required was then bridged by the 
planetary gearbox. Final drive ratio based on the finalised motor specifications was then 
cross checked so as to keep the torque and rpm within the motor limits. Design and 
modelling of gearbox, battery and cell was then done simultaneously using various 
software such as Matlab, Simulink and SABR (Koniak and Czerepicki, 2017; White et 
al., 2019; Ricardo Software, 2020; Mathworks; Mathworks). 

The uniqueness of the following study is that the electric powertrain of the moped 
consists of BLDC mid-drive motor coupled with planetary gearbox for speed reduction 
(Xue et al., 2008; Kwon et al., 2020). The advantage of using mid-drive motor in 
conjunction with planetary gear box is that co-axial transmission of power takes place 
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from motor to the gearbox and ultimately to the wheel which saves a lot of space. The 
method is suitable in this case as we require to replace the engine and belt-drive with 
electric powertrain (Gemmotors, 2021). 

Thus, the project can be broadly divided into three major sections namely modelling 
and analysis of powertrain, design of planetary gearbox and cell modelling. 

2 Powertrain modelling 

The powertrain modelling is crucial for understanding the demands of the vehicle from 
the power producing devices in order to propel in a required fashion. The powertrain 
model takes the input of the driving patterns through the standardised drive cycles like 
FTP-75, WLTP, MNEDC (Transportation Secure Data Centre). This velocity vs. time 
data is crucial for building a basic powertrain model, which can be considered as a 
primitive step for further testing and development of the vehicle. 
Table 1 Characteristics of drive cycles (see online version for colours) 

FTP 75 MNEDC WLTP 
Drive-cycle distance – 
17.50km 

Drive-cycle distance – 
10.274km 

Drive-cycle distance – 
14.664km 

   

Table 2 Vehicle specifications 

Coefficient of rolling resistance 0.015 
Mass of vehicle(approximate) in kg 120 
Mass of driver(average) in kg 80 
Velocity From drive cycle data 
Frontal area of moped in m 2 0.877 
Drag coefficient 0.22 
Radius of wheel in m 0.127 

2.1 Resistive forces 

Any vehicle moving on the roads experiences four major types of resistances 
(Adegbohun et al., 2021). The vehicle can only propel forward when these resistive 
forces are overcome. The resistive forces are as follows: 

1 Rolling resistance force (RRF) – This is a resistive force, and yet the most important 
force without which the vehicle cannot propel in any direction. This is the force due 
to friction. In case of an automobile, the wheels take the entire weight of the 
automobile as well as its passengers. The tyre and the road are in contact with each 
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other which gives rise to the friction. This friction force is in the opposite direction 
of the motion of the vehicle and hence is termed as a resistive force. 

 The RRF is dependent on various on-board factors like tyre compound, tyre pressure, 
vehicle speed. The tyre manufacturers have rigorously formulated the tyre 
compounds for optimum friction for safe, efficient and comfortable driving. The tyre 
pressure is prescribed for better driving experience. The following graph shows the 
relation between coefficient of friction and velocity for different tyre pressures. The 
research literature considers the standard value of 0.015 as the coefficient of friction 
for city driving (Xue et al., 2008; Adegbohun et al., 2021; Decibels Labs Pvt. Ltd.). 

Figure 1 Resistive force acting on a vehicle (see online version for colours) 

 

Figure 2 Variation of (a) co-efficient of friction and (b) vehicle velocity for different tyre 
pressures (see online version for colours) 

  
(a)      (b) 

2 Grade resistance force (GRF) – The force, due to gravity, that resists the movement 
of a vehicle up a slope. The exact value of grade resistance may be found by 
multiplying the vehicle’s weight by the sine of the angle that the road surface makes 
with the horizontal. In case of our analysis, we have considered it to be zero for 
initial calculations. 

3 Aerodynamic resistive force (AF) – The component of force exerted by the air on a 
solid object that is parallel and opposite to the direction of flow relative to the object. 
The aerodynamic force is a function of square of the velocity of the vehicle. Hence 
as the velocity of a vehicle increases the aerodynamic force increases exponentially. 
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Figure 3 Variation of aerodynamic drag and rolling resistance with vehicle speed (see online 
version for colours) 

 

4 Acceleration force (AcF) – This is the force required to be generated in order to 
propel the vehicle at a required speed in a given amount of time. This resistive force 
is calculated by multiplying the gross vehicle mass and the acceleration. The 
acceleration is obtained by differentiating the velocity (obtained from drive cycle 
data) with respect to time. 

Sum of these four resistive forces gives us the total tractive effort required by the vehicle 
in order to move as per the requirements. The total tractive force (TTF) is given by, 

TTF RRF GRF AF AcF= + + +  

The TTF serves the base of all the further calculations and for modelling of the electric 
powertrain. The tractive force when multiplied by the radius of the wheel (Rw) gives us 
the total wheel torque required to be generated to move the vehicle according to the drive 
cycle profile. 

( )Wheel torque Tw TTF Rx= ×  

Hence, the MATLAB simulink model gives two basic dynamic characteristics of the 
vehicle which are vehicle speed and vehicle wheel torque (Mathworks; Mathworks). 
These two parameters when multiplied give us the value of required power which is 
essential in selection of motor. 

2.2 Motor selection 

General types of motors used for electric vehicles are DC brushed motors, BLDC motors, 
induction motors, synchronous motors and switched reluctance motors (Xue et al., 2008). 

In case of electric vehicles, brushless DC motors are used. The reasons include high 
efficiency and reliability. In our case we decided to consider an in-hub motor over 
traditional brushless DC motors due to factors such as, compactness and less bulky 
transmission systems. 
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Table 3 The graphs show peak and nominal values of drive cycles (see online version  
for colours) 

FTP 75 

   
Maximum wheel speed – 
1671rpm 

Maximum wheel torque – 
42.14Nm 

Nominal required power – 
2.032 Kw 

MNEDC 

   
Maximum wheel speed – 1671 
rpm 

Maximum wheel torque – 
58.12Nm 

Nominal required power – 
1.58Kw 

WLTP 

   
Maximum wheel speed – 
1780rpm 

Maximum wheel torque – 
30.15Nm 

Nominal required power – 
1.84 Kw 

Figure 4 Motor selection process flow (see online version for colours) 

 

The nominal wheel torque, wheel speed and eventually minimum required power were 
obtained as shown in the previous study. From these parameters, market research was 
completed to find the best possible motor. The following Excel sheet shows the different 
hub motors from different manufacturers along with its specifications. 
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Table 4 List of motor specifications of various motor manufacturers (see online version  
for colours) 

 

Sr
 

no
. 

M
ot

or
 n

am
e 

Po
w

er
 (p

ea
k)

 
Po

we
r 

(n
om

in
al

) 
To

rq
ue

 (p
ea

k)
 

To
rq

ue
 

(n
om

in
al

) 
Sp

ee
d 

C
os

t 
W

ei
gh

t 
C

ur
re

nt
 

Vo
lts

 

1 
G

ol
de

n 
M

ot
or

 
6 

K
w

 
2–

3 
K

w
 

25
 N

m
 

10
 N

m
 

3,
00

0–
5,

00
0 

 
18

 k
g 

 
 

2 
G

ol
de

n 
M

ot
or

 
10

 K
w

 
 

29
.2

30
 N

m
 

 
2,

00
0–

6,
00

0 
 

17
.7

 k
g 

25
0 

A
 

48
 V

 
3 

M
iro

m
ax

 
7.

5 
K

w
 

3–
5 

K
w

 
 

 
2,

00
0–

6,
00

0 
77

0 
Eu

ro
 

15
 k

g 
 

 
4 

Q
S 

M
ot

or
 

-- 
5 

K
w

 
24

0 
- 

20
–7

0 
K

m
ph

 
39

8$
 

25
 k

g 
80

–1
50

A
 

48
 V

 
5 

Lu
ka

 E
V

 
12

.5
 

 
 

 
 

 
 

 
 

6 
K

el
ly

 c
on

tro
lle

rs
 

11
 K

W
 

7 
K

w
 

78
 N

-m
 

42
 N

-m
 

1,
10

0–
1,

50
0 

rp
m

 
1,

18
8 

Eu
ro

 
 

15
–1

45
 

72
 V

 
7 

K
el

ly
 c

on
tro

lle
rs

 
10

 K
w

 
6 

K
w

 
70

 N
m

 
33

 N
m

 
1,

20
0–

1,
70

0 
rp

m
 

69
9 

eu
ro

 
 

12
–1

25
 

72
 V

 
8 

K
el

ly
 c

on
tro

lle
rs

 
10

 K
w

 
6 

K
w

 
70

 N
m

 
33

 N
m

 
1,

20
0–

1,
70

0 
rp

m
 

93
3 

eu
ro

 
 

12
–1

25
 

72
 V

 
9 

M
ot

or
 se

rie
s n

ov
a 

15
 

4.
2 

K
w

 
- 

1,
72

4 
N

cm
 

- 
2,

35
3 

rp
m

 
 

2.
5 

kg
 

4.
1 

A
 

45
 V

 
10

 
M

ot
or

 se
rie

s n
ov

a 
15

 
5.

8 
K

w
 

 
1,

79
5 

N
cm

 
- 

3,
12

0 
rp

m
 

 
2.

5 
kg

 
4.

5 
A

 
60

 V
 

11
 

M
ot

or
 se

rie
s n

ov
a 

15
 

8 
K

w
 

 
3,

03
8 

N
cm

 
- 

2,
51

9 
rp

m
 

 
2.

5 
kg

 
4.

5 
A

 
60

 V
 

12
 

M
ot

or
 se

rie
s n

ov
a 

15
 

11
.6

 K
w

 
 

3,
10

7 
N

cm
 

- 
5,

36
9.

3 
 

2.
5 

kg
 

5.
1 

A
 

80
 V

 
13

 
M

ot
or

 se
rie

s n
ov

a 
15

 
12

.7
 K

w
 

 
3,

05
6 

M
cm

 
- 

3,
98

4 
rp

m
 

 
2.

5k
g 

5.
4 

A
 

90
 V

 
14

 
IP

M
 2

00
-3

3 
5–

15
 K

w
 

3–
8 

K
w

 
45

 N
m

 
- 

7,
00

0 
rp

m
 

 
12

 k
g 

 
24

–9
6 

V
 

15
 

IP
M

 2
00

-5
0 

7–
20

 K
w

 
3–

10
 K

w
 

75
 N

m
 

- 
7,

00
0 

rp
m

 
 

15
 k

g 
 

24
–9

6 
V

 
16

 
IP

M
-2

00
-6

6 
10

–3
5 

K
w

 
7–

18
 K

w
 

95
 N

m
 

- 
7,

00
0 

rp
m

 
 

18
 k

g 
 

24
–9

6 
V

 
17

 
M

ot
or

 se
rie

s n
ov

a 
30

 
12

.3
 K

w
 

- 
4,

44
7 

N
cm

 
- 

2,
65

3 
rp

m
 

 
 

 
70

 V
 

18
 

M
ot

or
 se

rie
s n

ov
a 

30
 

14
.3

 K
w

 
- 

4,
47

8 
N

cm
 

- 
3,

05
6 

rp
m

 
 

6.
5 

kg
 

 
80

 V
 

19
 

M
ot

or
 se

rie
s n

ov
a 

30
 

16
.4

 K
w

 
- 

4,
55

2 
N

cm
 

- 
3,

45
6 

rp
m

 
 

6.
5 

kg
 

 
90

 V
 

20
 

M
ot

or
 se

rie
s n

ov
a 

30
 

18
.2

 K
w

 
- 

4,
50

6 
N

cm
 

- 
3,

85
5 

rp
m

 
 

6.
5 

kg
 

 
10

0 
V

 
21

 
M

ot
or

 se
rie

s n
ov

a 
30

 
20

.4
 K

w
 

- 
4,

58
7 

N
cm

 
- 

4,
25

0 
rp

m
 

 
6.

5 
kg

 
 

11
0 

V
 

22
 

M
ot

or
 se

rie
s n

ov
a 

30
 

22
.6

 K
w

 
- 

4,
59

0 
N

cm
 

- 
4,

72
2 

rp
m

 
 

6.
5 

kg
 

 
12

0 
V

 



   

 

   

   
 

   

   

 

   

   74 A. Paranjape et al.    
 

    
 
 

   

   
 

   

   

 

   

       
 

From the previous analysis, the nominal required power to propel the vehicle was 
considered as 2.98 kW. Similarly, the nominal torque value was considered while 
shortlisting the motor. This is important to have a compact transmission system with 
minimum gear ratio. Also, the motor voltage plays an important role in finalising the total 
number of cells in the battery pack. 

Two motors were shortlisted for further analysis and comparison (TM4 
Electrodynamics). The further analysis is based on the efficiency of the motor at its rpm 
range for the given torque. It was done using the data provided by the manufacturer (TM4 
Electrodynamics). 

Figure 5 Efficiency map of shortlisted Motor as a function of motor speed and torque (see online 
version for colours) 

 

The efficiency decreases as torque goes on increasing at a certain rpm. Also, the data 
suggest that as the rpm of the motor goes on increasing the torque it can deliver goes on 
decreasing. Here the transmission ratio can be selected from two approaches which are 
(Kwon et al., 2020), 

1 Speed approach – By considering a nominal speed of motor where efficiency is 
maximum and hence calculating the transmission ratio. Here further validation is 
required about whether the obtained transmission ratio can satisfy the torque 
requirements at the wheel. 

2 Torque approach – By considering the nominal torque of the motor at highest 
possible efficiency in a rpm range. The obtained transmission ratio is then used to 
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finalise the nominal rpm of the motor in the range of maximum efficiency for given 
value of torque. 

In the selection, a torque approach was used for selecting the transmission ratio. 
The study of the above graph shows that the maximum efficiency of the IPM 300 

motor is concentrated in the rpm range of 1,500 to 2,500. Hence an optimum value of 
5.10 Nm torque is considered. The nominal motor torque and nominal wheel torque was 
compared to get the transmission ratio. Going further, from the transmission ratio it is 
validated that whether the motor speed lies within the maximum efficiency zone. 

Similarly, the transmission ratio is decided for IPM300 motor. 
Table 5 Motor parameter comparison 

Nova 15 IPM 300 
Nominal motor torque – 8.34Nm Nominal motor torque – 5.10 
Maximum motor speed – 9,400 rpm Nominal motor speed – 9,600 
Transmission ratio – 4 Transmission ratio – 5,625 
Efficiency – 0.8 Efficiency – 0.9 

The final motor selection was done on the basis of following points –  

1 power to weight ratio 

2 efficiency-torque-rpm relation 

3 cost. 

IPM 300 motor was finalised taking into consideration the above points. Table 6 shows 
the motor speed and torque curves for the selected motor 
Table 6 Motor speed curves for the selected motor (see online version for colours) 

FTP75 MNEDC WLTP 

   
Maximum motor speed – 
9,400 rpm 

Maximum motor speed – 
9,400 rpm 

Maximum motor speed – 
9,876 rpm 

FTP75 MNEDC WLTP 

   
Nominal motor torque –  
6.214 Nm 

Nominal motor torque –  
4 Nm 

Nominal motor torque –  
5.1 Nm 
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From the earlier study, the minimum required power in order to propel the vehicle 
according to the drive cycle characteristics was obtained. But there are several 
efficiencies like transmission efficiency and motor efficiency which need to be 
incorporated. Hence the final motor power required was obtained through the MATLAB 
Simulink model and was validated with the selected motor specifications (Ricardo 
Software, 2020; Mathworks). 

The nominal power for all the drive cycles was greater than the required power and 
hence it can be concluded that the motor selection is validated. 
Table 7 Motor power curves (see online version for colours) 

FTP75 MNEDC WLTP 

   

Nominal motor power –  
4 KW 

Nominal motor power – 
2.832 Kw 

Nominal motor power –  
3 Kw 

3 Planetary gearbox design 

Planetary gearbox was selected as a torque multiplying unit due its highly compact nature 
and its high-speed reduction to space ratio which was one of the important goals of this 
project. The design parameters involved in design of the gearbox were 

1 selection of number of teeth based on finalised gear ratio 

2 dynamic design of shafts and gears based on detailed duty cycle 

3 bearing life based on misalignment and load levels. 

Dynamic design using ANSYS gave irregular and false results. This led to shift in 
software from ANSYS to a Ricardo software called SABR. This enhanced the design 
process and satisfied the objective of dynamic design for calculation of life of the 
components. 

3.1 Selection of no. of teeth 

The suitable gear ratio for given vehicle application is 5.5 for Nova BLDC motor 
powered by Li-ion battery pack and tested for different drive cycles. The planetary 
gearbox assembly is most suitable gearbox in our application considering the space 
constraints. Planetary gears are able to transmit high levels of torque. The combination of 
compact size, large speed reduction and high torque transmission makes planetary 
gearboxes a suitable choice for our space-constrained application thus leading to co-axial 
motor shaft coupled to gearbox shaft and output shaft of gearbox coupled finally to the 
wheel. 
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Table 8 Iterations on gear teeth based on finalised gear ratio (see online version for colours) 
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The planetary gearbox consists of ring gear, planet gear and sun gear and the planet 
carrier. For speed reductions, the sun gear is driving gear driven by the Nova motor. Ring 
gear in this case is stationary making the planet gear revolve around the sun gear as well 
as rotate. Planet gears are one or more than one. We have considered three planets for 
efficient load transfer. The carrier is attached at centre points of these planet gears and 
then coupled to output shaft thus providing the desired output speed reduction ratio. 

The iterations were performed on Excel and the number of teeth was finalised 
considering space and strength criteria. 

3.2 Gear design 

Following is the list of acronyms used while discussing planetary gearbox further. 

• Rs and Ds = Radius and diameter of sun gear respectively, Zs = Number of teeth on 
sun 

• Rp and Dp = Radius and diameter of planet gear respectively, Zp = Number of teeth 
on planet gear 

• Rr and Dr = Radius and diameter of ring gear respectively, Zs = Number of teeth on 
ring gear 

Gear ratio for planetary gearbox system is given by 

( )
( )

Angular velocity of driving gear Angular velocity of sun gear ωsi
Angular velocity of driving gear Angular velocity of planet carrier ωc

= =
−

(1) 

Pitch line velocity of the sun gear (Vs) = ωs*Rs. 
Pitch line velocity of the planet-carrier (Vc) = ωc*Rp. 
Pitch line velocity of the sun gear (Vs) = 2* Pitch line velocity of the planet-carrier 

(Vc), 

2* 2* 2*
2*

Rp Rs Rr Rs Rsi
Rs Rs

+ − += =  

Thus 

1Rs Rr Rri
Rs Rs
+= = +  (2) 

The gear ratio formula for planetary gearbox with ring gear stationary also can be 
rewritten as 

1 Zri
Zs

= +  (3) 

Let Zp =16 for gear ratio 5.5 then by using (1) we get, Zr = 72.8 which is not a whole 
number. Thus, gear ratio needs to corrected to get this a whole number. 

If Zr = 74 and Zs = 16 the gear ratio is 5.625. 
The final gear ratio selected thus is 5.625. 
We also know the relation, 
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2*  Rs Rp Rr+ = …  (4) 

Thus, as a result, we also get 

( )
2

Zr ZsZp −=  (5) 

Therefore, for Zr = 74 and Zs = 16 we get Zp = 29. 
Helical gears are used in the above planetary gearbox arrangement for the following 

reasons: 

1 The main reason for helical gears being used is the increased number of teeth in 
contact at any given time thus leading to greater contact ratio compared to spur 
gears. 

2 For smoother and quieter operation. 

3 Helical gears are generally used in high-speed applications. In our case, the motor 
speed can go as high as 6,000 rpm. 

The normal module (mn) considered for the helical gears = 1.75 mm, helix angle (Ψ) = 20 
degrees, normal pressure angle (αn) =20 degrees. Sun gear has right-hand threads while 
planet and ring gear have left. 

Pitch circle diameters of the corresponding gears can be determined by using relation 

*
cos(Ψ)
z mD =  (6) 

By considering empirical relation of facewidth of gears (b) = 10*m, b = 18 mm in this 
case. 

Material for the gears considered is AISI 9310. 9310 is the designation in both the 
SAE and AISI systems for this material. Among alloy steels, the composition of  
SAE-AISI 9310 steel is notable for including nickel (Ni) and containing a comparatively 
high amount of chromium (Cr). Ni is used to improve mechanical properties, and to make 
the alloy easier to heat treat. Cr is used to improve corrosion resistance and most 
mechanical properties (particularly at higher temperatures). 
Table 9 Material composition 

Material SAE 9310-chemical composition 
Element Composition (%) 
Carbon (C) 0.008 to 0.013 
Nickel (Ni) 3 to 3.5 
Chromium (Cr) 1 to 1.4 
Manganese (Mn) 0.45 to 0.65 
Silicon 0.2 to 0.35 

Material ultimate tensile strength ranges between 850–1,000 MPa and yield strength 
between 450–570 MPa and modulus of elasticity of 190 GPa. Carburised and heat treated 
it can develop hard wear resistant case of HRC (Rockwell C-scale) 54–57 or Rockwell 
Hardness of 592 BHN. 
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As shown in the Figure 6, three different forces act on helical gears in contact viz. 

a Tangential component (Ft) – It acts along the X-axis as shown in above diagram. 
The direction of tangential force depends upon sense of rotation. For the driven gear 
it is always in the same direction and for the driving gear it is in opposite direction. 
Thus, when sun gear rotates in anti-clockwise direction, Ft acts along + X-axis on 
sun gear while -X-axis on planet-gear and thus acts on +X-axis on ring-gear. 

b Thrust component (Fa) – It acts along the Z-axis as shown in the above diagram. It 
depends upon right/left hand of threads and sense of rotation. The sun gear which is 
driving gear has right hand threads and rotates in anti-clockwise sense thus thrust 
component acts along -Z-axis on sun while + Z-axis on planet gear. 

c Radial component (Fr) – It always acts towards the centre of the gear. Thus along  
Y-axis for sun and planet gear. 

Table 10 Design analysis parameters 

Parameter Value 
Tangential load (Ft) 1,006.7979 N 
Dynamic load (Fd) 1,174.3123 N 
Beam strength (Sb) 3,317.996 MPa 
Wear strength (Sw) 2,421.21N 
FOS (bending) 1.36 
FOS (wear) 1.4621 

Figure 6 Helical gear force analysis 

 

We check whether the design is safe for given loads. 
The bending moment acting on sun-planet gear is given by 
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660*10 *
2* *

PMt
π Ns

=  (7) 

By using the above equation, we get Mt = 15,000 N-mm = 15 N-m 

2* 1006.7969MtFt N
Ds

=   (8) 

* tan( ) 366.495Fa Ft ψ N= =   (9) 

tan( )* 390.023
cos( )

anFr Ft N
ψn

= =   (10) 

Beam strength equation for helical gears is given by 

* * *Sb m b σ Y=   (11) 

Y is the Lewis form factor for virtual number of teeth (Zs/cos(Ψ)3), i.e.19.28 
Y = 0.316, σ = (1000/3) = 333.33 MPa, m = 1.75 and b = 18 
Thus, 

3317.996 (  )Sb MPa bending strength=  

Pitch line velocity for sun gear is 

3

* *
60 10
π Ds Nsv =

×
 (12) 

Thus, 

 3.12 / secv m=  

Tolerance for adjacent pitch error (e) = 6.701*10–3 mm (considering Grade 4 gear 
material) 

 ( ) 10,545Deformation factor C MPa=  

Dynamic load is given by 

( )
( )

2

2

21 ( ) ( )

21

v c e b cos ψ Ft cos ψ
Fd

v c e b cos ψ Ft

× × × × × + ×
=

× + × × × +
 (13) 

1174.3123 Fd N=  

( )  * 2432.808 Effective load Feff Cs Ft Fd N= + =  

3317.996( ) 1.36
2432.8085.6

SbFOS bending
v

= = =
+

 

5.6 ( ) 0.760 
5.6

Velocity factor Cv
v

=
+

 

( )2 ( ) 0.16 100 5.607  Load Stress factor K BHN− = × = …  (14) 
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2 ( ) 0.7111  ZpRatio factor Q
Zp Zs

×= = …
+

 (15) 

2
 ( ) 2421.21b Q Ds KWear Strength Sw N

cos ψ
× × ×=  

     ( ) 1655.9CsEffectiveload acting on gear considering wear Feff Ft N
Cv

= × =  

( ) 1.4621SwFos wear
Feff

= =  

Thus, design is safe considering beam strength and wear (Budynas, and Nisbett, 2011). 

3.3 Dynamic design of gears and shafts 

The geometry of shafts and gears were done in SABR software considering the strength, 
fatigue life of gears, shafts and bearings and also the ease of service and compactness of 
the gearbox. To decide the shaft dimensions first gear dimensions, need to be fixed based 
on strength and fatigue life calculations. 

SABR offers a platform for gear design called GEAR in which variety of parameters 
are required as input on processing of which it gives output of bending stress, contact 
stress and fatigue life are obtained. 

Basic parameters are module, number of teeth, helix angle, pressure angle and 
facewidth whose values for sun, planet and annulus gears were same. 

Now as helical were opted in place of spur gears there is an important factor called 
Helical overlap ratio whose value needs to be greater than 1.1 so that we could have 
benefit is gained by having helical gears. 

*sin( )
*

bHelical overlap ratio
Mn π

= α  

Considering above condition dimensions of gears were set as: 
Table 11 Geometric dimensions of gears 

Gear Module No. of teeth Helix angle 
Sun gear 1.75 16 20 
Planet gear 1.75 29 20 
Annulus gear 1.75 74 20 

Meshing criteria was another important parameter which decided backlash, interference 
and also contributes in prolonging life of the gear tooth. Inputs for these were min and 
max backlash, profile shift coefficient, outside diameter of gears, and target contact ratio. 
Iterations of these values gave a desired and optimum tooth profile. 

The gear profiles show path of contact and recess of both the meshing gears. Contact 
ratio is set to 1.75, max and min backlash values are 0.075mm and 0.050mm and profile 
shift coefficients of 0.779mm. This is preliminary stage of gear design in which basic 
dimensions of gears are set so that shaft geometry can be designed. Shaft design was then 
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further done considering the similar design and space parameters as discussed above. 
Bearings were added as supports and this led to finalisation of gearbox geometry. 

Figure 7 Gear tooth profile (see online version for colours) 

 

Figure 8 2D schematic of planetary gearbox (see online version for colours) 

 

Next important step in design was the duty cycle to which the gears, shafts and bearing 
would be subjected. For this three standard drive cycles, i.e., FTP-75, WLTP, MNEDC 
were selected which resembled and covered maximum variety of driving conditions 
graphs of which are shown above. 

From the graphs, vehicle data such as speed of vehicle and time were extracted. From 
the spec sheet of activa frontal area, tyre radius, Cd (Coefficient of drag) and literature 
survey giving values of rolling friction coefficient were obtained These values gave time 
dependent values of motor torque and motor speed subsequently producing the required 
duty cycle. All the components inside the planetary gear box are subjected to this duty 
cycle. 
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Figure 9 3D model of planetary gearbox (see online version for colours) 

 

SABR then computes this duty cycle and gives us values of stress and deflections in 
shafts at various sections. The duty cycle as shown above was equally divided into 
sections from min value of torque (0 Nm) and maximum value of torque in normal 
running (16 Nm) are taken as first load case. For maximum acceleration the required 
torque value shoots up to 25 Nm. This accounts for second load case. Maximum stresses 
and deflections in normal driving occur at 16 Nm value and for accelerated drive at 25 
Nm value. Following figures demonstrate these cases. 
Table 12 Shaft stress values at various load cases 

Load case/shaft SUN-SHAFT ANNULUS-SHAFT CARRIER-SHAFT *EPI* epi1 
PF 1Nm 1 MPa 0 MPa 9 MPa 0 MPa 
PF 2Nm 3 MPa 0 MPa 26 MPa 0 MPa 
PF 3Nm 5 MPa 0 MPa 43 MPa 1 MPa 
PF 4Nm 7 MPa 0 MPa 60 MPa 1 MPa 
PF 5Nm 9 MPa 1 MPa 77 MPa 1 MPa 
PF 6Nm 11 MPa 1 MPa 94 MPa 1 MPa 
PF 7Nm 14 MPa 1 MPa 111 MPa 2 MPa 
PF 8Nm 16 MPa 1 MPa 128 MPa 2 MPa 
PF 9Nm 18 MPa 1 MPa 146 MPa 2 MPa 
PF 10Nm 20 MPa 1 MPa 163 MPa 2 MPa 
PF 11Nm 22 MPa 1 MPa 180 MPa 3 MPa 
PF 12Nm 24 MPa 2 MPa 197 MPa 3 MPa 
PF 13Nm 26 MPa 2 MPa 214 MPa 3 MPa 
PF 14Nm 28 MPa 2 MPa 231 MPa 3 MPa 
PF 15Nm 30 MPa 2 MPa 248 MPa 4 MPa 
PF 16Nm 32 MPa 2 MPa 265 MPa 4 MPa 
PF 25Nm 52 MPa 3 MPa 428 MPa 6 MPa 
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Table 13 Epicyclic shaft stress values at various load cases 

Load 
case/shaft discL discR pin1 p_body1 pin2 p_body2 pin3 p_body3 

PF 1Nm 0 MPa 0 MPa 0 MPa 0 MPa 0 MPa 0 MPa 0 MPa 0 MPa 
PF 2Nm 0 MPa 0 MPa 0 MPa 0 MPa 0 MPa 0 MPa 0 MPa 0 MPa 
PF 3Nm 0 MPa 0 MPa 1 MPa 0 MPa 1 MPa 0 MPa 1 MPa 0 MPa 
PF 4Nm 0 MPa 0 MPa 1 MPa 0 MPa 1 MPa 0 MPa 1 MPa 0 MPa 
PF 5Nm 0 MPa 0 MPa 1 MPa 0 MPa 1 MPa 0 MPa 1 MPa 0 MPa 
PF 6Nm 0 MPa 0 MPa 1 MPa 0 MPa 1 MPa 0 MPa 1 MPa 0 MPa 
PF 7Nm 0 MPa 0 MPa 2 MPa 0 MPa 2 MPa 0 MPa 2 MPa 0 MPa 
PF 8Nm 0 MPa 0 MPa 2 MPa 0 MPa 2 MPa 0 MPa 2 MPa 0 MPa 
PF 9Nm 0 MPa 0 MPa 2 MPa 0 MPa 2 MPa 0 MPa 2 MPa 0 MPa 
PF 10Nm 0 MPa 0 MPa 2 MPa 0 MPa 2 MPa 0 MPa 2 MPa 0 MPa 
PF 11Nm 0 MPa 0 MPa 3 MPa 0 MPa 3 MPa 0 MPa 3 MPa 0 MPa 
PF 12Nm 0 MPa 0 MPa 3 MPa 0 MPa 3 MPa 0 MPa 3 MPa 0 MPa 
PF 13Nm 0 MPa 0 MPa 3 MPa 0 MPa 3 MPa 0 MPa 3 MPa 0 MPa 
PF 14Nm 0 MPa 0 MPa 3 MPa 0 MPa 3 MPa 0 MPa 3 MPa 0 MPa 
PF 15Nm 0 MPa 0 MPa 4 MPa 0 MPa 4 MPa 0 MPa 4 MPa 0 MPa 
PF 16Nm 0 MPa 0 MPa 4 MPa 0 MPa 4 MPa 0 MPa 4 MPa 0 MPa 
PF 25Nm 0 MPa 0 MPa 6 MPa 0 MPa 6 MPa 0 MPa 6 MPa 0 MPa 

Figure 10 Sun shaft von-Misses stress for nominal torque (see online version for colours) 

 

Figures 10 and 11 show a cross sectional view depicting the stress distribution of sun  
shaft for nominal and peak torques. The 3D CAD of the sun shaft is shown in  
Figures 12, 13 and 14 along with their respective displacements for nominal and 
maximum torque values as well. 

Figures 15 and 16 show a cross sectional view depicting the stress distribution of  
carrier shaft for nominal and peak torques. The 3D CAD of the carrier shaft is shown in 
Figures 17, 18 and 19 along with their respective displacements for nominal and 
maximum torque values as well. 
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Figure 11 Sun shaft von-misses stress for peak torque (see online version for colours) 

 

Figure 12 Sun shaft (see online version for colours) 

 

Figure 13 Sun shaft displacement for nominal torque (see online version for colours) 
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Figure 14 Sun shaft displacement for peak torque (see online version for colours) 

 

Figure 15 Carrier shaft von-misses stress for nominal torque (see online version for colours) 

 

Figures 20 and 21 show a cross sectional view depicting the stress distribution of  
planet shaft for nominal and peak torques. The 3D CAD of the planet shaft is shown in 
Figures 22, 23 and 24 along with their respective displacements for nominal and 
maximum torque values as well. 

Figures 25 and 26 show a cross sectional view depicting the stress distribution of 
planet gear body shaft for nominal and peak torques. The 3D CAD of the planet gear 
body shaft is shown in Figures 27, 28 and 29 along with their respective displacements 
for nominal and maximum torque values as well. 
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Figure 16 Carrier shaft von-misses stress for peak torque (see online version for colours) 

 

Figure 17 Carrier shaft (see online version for colours) 

 

Figure 18 Carrier shaft displacement for nominal torque (see online version for colours) 
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Figure 19 Carrier shaft displacement for peak torque (see online version for colours) 

 

Figure 20 Planet shaft von-misses for nominal torque (see online version for colours) 

 

Figure 21 Planet shaft von-misses stress for peak torque (see online version for colours) 
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Figure 22 Planet shaft (see online version for colours) 

 

Figure 23 Planet shaft displacement for nominal torque (see online version for colours) 

 

Figure 24 Planet shaft displacement for peak torque (see online version for colours) 
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Figure 25 Planet gear body von-misses stress for nominal torque (see online version for colours) 

 

Figure 26 Planet gear body von-misses stress for peak torque (see online version for colours) 

 

Figure 27 Planet body (see online version for colours) 
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Figure 28 Planet body displacement for nominal torque (see online version for colours) 

 

Further design of the gears is done by optimising micro geometry of gears which includes 
optimising tip relief types of gear tooth and lead corrections which leads to even stress 
distribution for better contact stresses, transmission errors and local stiffnesses which are 
useful in NVH analysis of gears (White et al., 2019; Ricardo Software, 2020). 

Figures 30 and 31 show stress distribution across sun-planet tooth facewidth for 
nominal and peak torque values respectively. Figures 32 and 33 show stress distribution 
across planet-annulus tooth facewidth for nominal and peak torque values respectively. 

Figure 29 Planet body displacement for peak torque (see online version for colours) 
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Figure 30 Sun-planet tooth stress variation along facewidth for nominal torque (see online 
version for colours) 

 

Figure 31 Sun-planet tooth stress variation along facewidth for peak torque (see online version  
for colours) 
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Figure 32 Planet-annulus stress variation along facewidth for nominal torque (see online version 
for colours) 

 

 

Figure 33 Planet-annulus stress variation along facewidth for peak torque (see online version  
for colours) 
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Table 14 Fatigue life of sun and planet gears for 25Nm load case 

ISO 6336 Edition 
Property Sun Planet 1 Unit 
ISO Nom. Bending Stress σ FO 58.715 53.505 Mpa 
ISO Actual Bending Stress σ F 190.609 173.697 Mpa 
ISO Permissible Stress σ FP 1,026.349 808.413 Mpa 
ISO Bending Life INFINITE INFINITE hour 
ISO Bending Damage 0 0 % 
ISO Safety Factor SF 5.385 4.654  
ISO Actual Contact Stress σ H 1,080.091 1,080.091 Mpa 
ISO Permissible Stress σ HP 1,978.971 2,338.479 Mpa 
ISO Contact life INFINITE INFINITE hour 
ISO Contact Damage 0 0 % 
ISO Safety Factor SH 1.832 2.165  

As shown in Figures 30, 31, 32 and 33, stress values of various shafts is given for various 
load cases. To find the fatigue life of the shafts the given stress is plotted on the SN curve 
of the material selected i.e., SAE9310. In this case same material is used for gears and 
shafts. SABR doesn’t give fatigue life, so for that we use SABR GEAR which considers 
the time for which a particular load case is applied in a drive cycle and then fatigue life is 
given relative to that service time (Ricardo Software, 2020). So for same material is we 
know the fatigue life for gear stresses we can find out shaft fatigue life as both are 
subjected to same duty cycles. 
Table 15 Fatigue life of annulus and planet gears for 25Nm load case 

ISO 6336 Edition 
Property Annulus Planet 1 Unit 
ISO Nom. Bending Stress σ FO 47.758 46.03 Mpa 
ISO Actual Bending Stress σ F 196.692 206.907 Mpa 
ISO Permissible Stress σ FP 1,467.493 820.272 Mpa 
ISO Bending Life INFINITE INFINITE hour 
ISO Bending Damage 0 0 % 
ISO Safety Factor SF 7.461 3.964  
ISO Actual Contact Stress σ H 609.137 509.137 Mpa 
ISO Permissible Stress σ HP 2,307.908 2,342.531 Mpa 
ISO Contact life INFINITE INFINITE hour 
ISO Contact Damage 0 0 % 
ISO Safety Factor SH 4.533 4.601  

From Table 3, we can see that even for load case for accelerated drive which is the 
maximum stress condition we can see that stresses do no exceed 210 MPa and it leads to 
Infinite life. Now referring to Figure 9 and Table 12 there is not any load case for which 
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shaft stresses for any of the shaft exceed 210 MPa limit concluding that even shafts will 
have infinite life. 

3.4 Bearing life calculations 

Bearings are one of the most important components of any gearbox. Selection of bearing 
was a crucial decision as an under designed bearing would lead to catastrophic failure of 
every subsequent gearbox component and overdesigned bearing would unnecessarily 
increase weight of the assembly forcing to use expensive and more powerful prime 
movers inevitably increasing the cost of the vehicle. 

Figure 34 Sun shaft bearing stress distribution (see online version for colours) 

 

Helical gears add axial component of force which is to be supported by either tapered 
roller bearings or axial thrust bearings. But these are heavy and big bearings which would 
counter basic goal of the project. 

Deep groove ball bearings were selected as the spherical balls do have some 
resistance against axial loads along with radial loads and are compact and small. Hence, 
proper selection of bearings which would sustain static loads and would at least have the 
design life (1,200 hrs). 

Figure 35 Planet shaft bearing stress distribution (see online version for colours) 

 

The limit for maximum tilt in mrad according to standards is 3.8 mrad. The selected 
bearings have a very low (P/C) ratio so theoretically it has infinite life according to ISO 
2007 which is the case for most of the bearings at lower loads and as seen in table the 
maximum stresses also do not cross the limiting value making the design safe. 
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Figure 36 Carrier shaft bearing stress distribution (see online version for colours) 

 

Table 16 Bearing life, misalignment and stress data 

Bearing Type Life (hrs) Damage Failure 
rate Tilt(mrad) Max. 

stress 
Sun 
bearing 

DG ball 68,133.9 1.7% 0 ppm 0.02 2,186 
(SKF 

61804) 
Carrier 
bearing 

DG ball Infinite 0% 0 ppm 0.06 0.056 
(SKF 

61804) 
Planet 
bearing 

Needle 
roller 

58564915.7 0% 0 ppm 3.03 1,139 

Figure 37 Assembly of planetary gearbox with motor and wheel 

 

4 Battery modelling 

The motor power is the basis for the battery modelling. In an electric vehicle, the motor is 
controlled through the motor controller unit. This unit manages the current supply to the 
motor according to the driving conditions. The overall efficiency of the motor controller 
efficiency was considered as 0.85. 

The battery power was converted into power per kilometre. This is done through the 
following equation. 
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3.6 1000000
Battery powerPower per km

D
 =  × ×   

where D is the drive cycle distance. 
Battery capacity in Wh/km is obtained by the following equation: 

( )Battery capacity Wh Power per km range− ×  

( ) ( ) ( )Battery capacity Ah Battery capacity Wh Voltage V−  

Further the battery current was calculated using the following equation:  

Battery current Battery power Battery voltage−  

In the battery performance evaluation, C-rate plays a very important aspect. 
By definition – the C-rate is a measure of the rate at which a battery is being 

discharged. It is defined as the discharge current divided by the theoretical current draw 
under which the battery would deliver its nominal rated capacity in one hour. A 1C 
discharge rate would deliver the battery’s rated capacity in 1 hour. 
Table 17 Battery power, current and C-rate curves (see online version for colours) 

FTP 75 MNEDC WLTP 

   
Nominal battery power – 
4,500 W 

NOMINAL BATTERY 
POWER – 2,500 W 

Nominal battery power – 
2,800 W 

   
Nominal battery current –  
60 A 

Nominal battery current –  
35 A 

Nominal battery current –  
38 A 

   
Nominal C-rate – 1.24 Nominal C-rate – 0.85 Nominal C-rate – 1.2 

The C-rate is calculated using the following equation:  

( )C rate Battery current Battery capacity Ah− =  
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The state of charge (SOC) is defined as the ratio of the available capacity Q(t) and the 
maximum possible charge that can be stored in a battery. It is calculated by the following 
equation: 

100
3600

CurrentSOC dt
C rate

= × ±
× −  

Table 17 shows the curves for the battery power, battery current and C-Rate for the three 
drive cycles. 
Table 18 Variation of SOC over entire drive cycle range (see online version for colours) 

   
SOC at end of drive cycle- 
78.14 

SOC at end of drive cycle- 
83.3 

SOC at end of drive cycle-
82.75 

5 Cell modelling 

In this study equivalent circuit modelling (ECM) has been used to predict the behaviour 
of the battery under load conditions (Hu and Stanton, 2014). The use of mathematical 
models to predict the behaviour of the electrical system is called ECM (Jackey et al., 
2009). In this the system is converted into an electrical circuit consisting of resistors, 
inductance and capacitors. Further this study shows the use of battery management 
system (BMS) to keep the battery functional under required limits of voltage current and 
temperature. 

Lithium-ion batteries are used for the application, due to their high energy density and 
relatively long lifespan. To optimise the performance of a lithium-ion battery, it is 
essential to incorporate a BMS capable of monitoring specific data collected during 
battery charge and discharge. An effective BMS prevents battery overcharge and 
estimates remaining battery life so that the battery works efficiently and provides stable 
operating conditions. BMS data can also be used to accurately estimate the difference 
between the SOC and actual voltage and current conditions, which is necessary for 
certain aspects of a battery particular application, such as the precise estimation of the 
traveling distance of an electric vehicle, which is proportional to the life of its battery 
(Kumar  et al., 2019). 

From the powertrain simulations we have determined the motor torque and motor 
RPM required for the operation. The motor works on the current and potential difference 
provided by the battery, hence modelling of the battery is required to see whether the 
battery pack is capable of delivering the desired current under specified conditions. The 
simulations employ Thevenin equivalent circuit models consisting of a resistance, 
capacitance, and power source. 
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5.1 Thevenin’s model 

It is mainly composed of three parts, open-circuit voltage (Uoc), internal resistances and 
RC pair. The internal resistances include the ohmic resistance Ro. The resistance and 
capacitance used parallel account for the non-linear ohmic and polarisation losses (Jackey 
et al., 2009). These are used to predict the non-linear response of the system. We have 
chosen Thevenin’s model because the computational simplicity and the accuracy it gives 
satisfies the needs of project (Pei et al., 2018). 

Figure 38 Thevenin’s circuit 

 

5.2 Cell selection 

The Li-Ion battery in the vehicles is made of small cells which are connected in series 
and parallel. The battery pack capacity which was calculated from powertrain simulations 
and the voltage requirement of the battery was used to select the cell from the available 
cells in the market. The following cell was selected and the parameters were calculated 
from the cell spec sheet (Samsung Cell Data Sheet). 
Table 19 Cell data (see online version for colours) 

Samsung ICR18650-25R  Cells in series 22.222 22 
Nominal capacity 2,500 mAh Cells in parallel 16 16 
Minimum capacity - mAh Total cells 352  
Charging voltage 4.2 V Energy cell 9 Wh 
Nominal voltage 3.6 V Energy pack 3,168 Wh 
Charging current(STD) 1,250 mA Pack mass 15,840 G 
 4,000 mA Pack volume 7,413,120 mm3 
Discharge current 500 mA Gravimetric 

energy density 
200 Wh/kg 

 20,000 Ma Volumetric energy 
density 

427.35 Wh/L 

Discharge cutoff voltage 2.5 V Cost 52,800 Rs 
Cell weight 45 G Cost per KWh 16,666.667 Rs/KWh 
Cell dimension(h*d) 65*18.40 mm2 C-rates-charge 

(nominal) 
0.5 C 

Operating temperature 
(Chg) 

0 to 50 C Discharge 
(nominal) 

0.2 C 

Operating temperature 
(DChg) 

Minus 20 to 60 C    

Cost 150 Rupees    
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Figure 39 Voltage (SOC, temp) (see online version for colours) 

 

Figure 40 Resistance (SOC, temp) (see online version for colours) 

 

Figure 41 Capacitance (SOC, temp) (see online version for colours) 
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Figure 42 Internal resistance (SOC, temp) (see online version for colours) 

 

Cell data: For the study to predict how the model will behave under load conditions, cell 
testing data was recorded by a cell testing facility and was provided to us. The data 
Includes the following 

The cell was tested for three different temperatures and seven different SOC values, 
hence we get a total of 21 values of R1, R0, open circuit voltage and Cth (How the cell 
testing is done is beyond the scope of this study). The 3D surface can be seen above. This 
data is essential for predicting the behaviour of the cell under the required drive cycle 
(i.e., the current profile). 
Table 20 Cell modelling results showing variation of current, temperature and terminal voltage 

FTP 75 MNEDC WLTP 

   

Input current Input current Input current 

   

Temperature Temperature Temperature 

   

Terminal Voltage Terminal Voltage Terminal Voltage 
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5.3 Methodology for modelling 

The current profiles that have been generated as result of the powertrain simulations are 
the major Input to the cell model. The modelling of the cell will gives variation of the 
crucial parameters of the cell such as, SOC, temperature, voltage and losses in the cell. 
This information is necessary for keeping the health of the battery in good condition 
(with help of a BMS) and monitoring performance of the battery. The following 
equations were used as for modelling the circuit of the battery. 

Energy Power dt P dt= =   (16) 

  Capacity of battery I dt=   (17) 

  arg ( )    ( )
3600

I dtState of ch e SOC Initial state of Charge ISOC
C

= ±
∗  (18) 

2 2 (  )Power loss P loss I Ro I Rint= × + ×  (19) 

Δ ΔTemperature m Cp t Ploss hA t= × × = +  (20) 

( )d Tamb Tm Cp P loss hA t
dt

−× × = + Δ  (21) 

( ) ( )d Tamb T h AP loss hA t Tamb T
dt m Cp

− ×= + Δ × −
×

 (22) 

( )( )Ploss h A Tamb T
dT

m Cp
− × × −

=
×   (23) 

The model is mainly divided into 3 sections 

1 equivalent circuit model: – SOC and power losses are calculated 

2 temperature estimation 

3 terminal voltage estimation 

4 results. 

The crucial results of temperature, current and terminal voltage were derived from this 
study. The following are the results for three drive cycles 

The results show the variation of temperature and terminal voltage with input current. 
In some of the cases above the voltage and temperature is rising above the specified 
limits mentioned by the cell manufacturer. Hence, we require a BMS. 

6 Battery management system 

Automotive BMS must be able to meet critical features such as voltage, temperature and 
current monitoring, battery SoC and cell balancing of lithium-ion (Li-ion) batteries (Plett, 
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2015). The BMS has the function to provide safety to the system during charging and 
discharging, hence BMS has to be modelled for both conditions. 

Main functions are:  

1 Battery protection in order to prevent operations outside its safe operating area. 

2 Battery monitoring by estimating the battery pack SoC and state of health (SoH) 
during charging and discharging. 

3 cell balancing and charge control. 

6.1 BMS protection parameters 

1 Voltage: The voltage protection includes protection against over and under voltage. 
These circuits must be extremely responsive. Voltage can be measured using voltage 
divider circuit. 

2 Current protection: Current can be measured using shunt resistor method or hall 
effect sensor. Overcurrent may occur due to:  
a high demand from load 
b cell with different C-rates 
c an unbalanced battery packs 

3 Temperature protection: NTC thermistor can be used. On a secondary level, thermal 
irreversible fuses can be used. 

6.2 Cell balancing 

All the individual cells must have same individual SOC as far as possible during charging 
and discharging, The BMS avoids overcharging and undercharging. 

6.3 Modelling of BMS 

The modelling of BMS is done using the logic gates. The values of temperature, current 
and voltage which are generated in the cell modelling are compared with limiting values 
given by the cell manufacturer. These values have to be compared during charging and 
discharging cases. In the study, when the system overshoots in a particular parameter, the 
system brings the parameter to set zero value. After each cycle the current profile is 
updated according to the BMS logic limits and is send back to the model as new current 
cycle. It works as a feedback mechanism. 

7 Conclusions 

As discussed, due to lack of a substantial foundation in the field of EV in mopeds, 
upcoming manufacturers that wish to develop a custom EV powertrain suitable to their 
requirements, would now have a basis to do so using this study. The project describes in 
detail the motoring and regenerative curves of various parameters along with the torque 
and rpm data pertaining to the chosen drive cycle and it evidently will benefit the user in 
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multiple areas such as fatigue design of mechanical components by obtaining a duty 
cycle of stresses acting, predicting life and optimising the design, sizing the battery and 
motor. Mathematical modelling and simulation also inform the user about the expected 
behaviour and the zone in which the vehicle is operating for tuning the propulsion 
system, i.e., motor and battery to extract highest possible efficiency and in turn range of 
vehicle. 

This work being in its infancy stage has its limitations as well as scope for 
improvement. The model described doesn’t include the losses in electric components as 
accurately but gives a broader view of possible areas of losses. 

In future in the fields of retro fitment, battery management and vehicle modelling, the 
work done in this project can prove useful as the user has all the data curves with them to 
efficiently tune the control systems of a battery for higher longevity and due to the sizing 
done will definitely impact retro fitment of EV mopeds. 
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